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Exhaust system design has become a tricky job when analyzing the structural integrity of a
marketable vehicle where its hot end components like catalytic converters are the most popular
exhaust emission control devices. The T6 hot end exhaust model is modelled in FEM process where
Hypermesh is used as a pre-processor, Abaqus as a solver. Shell and solid elements were utilized to
provide better results in the modal frequency domain. The 3-point and 6-point engine excitation is
considered towards the COG of the engine. Both Engine and gearbox control groups are coupled to
the end of the roll axis nodes by RBE2 rigid elements, creating a boundary condition where the
middle node of the roll axis is confined in all degrees of freedom, along with the input of Flex which
is fixed in 3 degrees of freedom. The frequency response is determined for engine order 2 by the
vibration amplitude of the exhaust system (displacement vs. frequency graph) for different locations
on the hot end of the exhaust system to determine the peak frequencies of the base and optimized
model. Further experimental tests were set up using an FFT (Fast Fourier Transform) analyzer. The
accelerometers were installed to recognize the excitation and the response points. The maximum
displacement occurred at two peaks 187Hz and 211Hz at an amplitude of 0.19mm. Here MAC criteria
and slope of displacement plots were 16% varying with that of the simulation data. Furthermore,

tuning was performed to match the respective frequency and displacement values.

INTRODUCTION

The exhaust system design takes much higher calculation times
and large data requirements, along with proper knowledge of
the test track profile, which is often not available in the early
phases of the project. Due to the unavailability of this
information, in various cases, simplistic, experience based
static approaches are used that do not provide us with real
dynamic behavior, thereby leading to a reliance on engineering
and computational data (Jian Min Xu et al., 2014).

Modal analysis of exhaust system: The suspension device
transmits the exhaust system's vibration energy to the
underbody, causing the vehicle's body to vibrate and make
noise. In Modal analysis, we observe the dynamic
characteristics, which can state the inherent properties of the
structure and provide a platform for performing the vibration
analysis, fault diagnosis and prediction, and optimization
design of the exhaust system structure. Using modal analysis,
it is possible to define a structure according to its inherent
qualities or characteristics, such as damping, frequencies, and
mode shapes.
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The associated eigenvectors define a set of modal degrees of
freedom (Patil V et al., 2018). Harmonic analyses are used to
investigate how the exhaust structure reacts to harmonic
excitations of various frequencies. The response is shown
graphically by a displacement-frequency curve. The solution
for every excitation frequency is a linear combination of these
modes. The highest loading of the exhaust system will occur at
resonance frequencies. Frequency response analysis displays
the response of the system in the frequency domain and
estimates whether the design optimization of the structure can
withstand the problems of resonance, fatigue, and other
adverse effects caused by forced vibration (Xiong, J, 2023).
The engine, braking, and, most importantly, the road cause
vibrations in the automotive exhaust system. Dynamic steady
state simulation and subsequent damage calculations are state
of the art in terms of simulation methodology in the case of
engine idling and vehicle comfort (Shenghao Xio et al., 2023).

Frequency response of exhaust system: Harmonic analyses
are used to investigate how the exhaust structure reacts to
harmonic excitations of various frequencies. The response is
shown graphically by a displacement-frequency curve. The
engine's structural vibrations and periodic road vibration
brought on by the roughness of the road surface are the sources
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of the exhaust system's excitation The associated eigenvectors
define a set of modal degrees of freedom. The solution for
every excitation frequency is a linear combination of these
modes. The highest loading of the exhaust system will occur at
resonance frequencies (M.H. Shojaeifard et al., 2017). The
expression of the real mode frequency response function of
excitation at point p and response at point 1 for a damping
system with a multi-excitation point structure and N degrees of
freedom is as follows

Hp(®@) =" VK, [1—o%(1—o%) + g H— gl 1 —w2) %]

Where K, 18 the rth order equivalent stiffness
and K¢, = K/(¢u®p), g: is the damping ratio of the ™ order
modal structure and @, =w/m,

Natural Frequency: The real frequency curve's intersection
with the residual compliance line or the frequency
corresponding to the virtual frequency curve's peak when
® = o, can both be used to calculate the natural frequency. The
peak is easier to identify since it is sharper.

Damping ratio: When o approaches o, o, takes the lead and
is said to as the major mode. Other modes that are close to o,
but have poor coupling or that are far from ®, can be roughly
represented by the complex constant H,.

HOT END EXHAUST MODEL

Cad Geometry of the Hot End: The 3D CAD Geometry of
the T6 Automotive exhaust Model shown in Fig 1 is taken after
modelling in CATIA V5 tool suspension device transmits the
exhaust system's vibration energy to the underbody.

Fig.1. CAD geometry of exhaust system hot end

FE Model of the Hot End: The Finite Element Model of the
Hot end exhaust system is developed using Hypermesh 2021
tool along with closely coupled Engine, Powertrain and
Gearbox Components as shown in the Fig 2 The hot end
exhaust system, which was pre-processed using the Hypermesh
2021 software and a solver like Abaqus and a viewer like
Hyper View, is the subject of this study. It has 2182949 nodes
and 3027557 elements. Most of the components of the FE
Model were created using 4 node quad shell elements, while
the Powertrain and Gearbox was created using tetrahedral
elements. Modelling is done using 8 node hexahedral elements
to represent the mat, substrate, and flanges. Modelling of the
weld between the components uses shell pieces with a 2.5 mm
thickness. Between solid and shell parts is modelled a shell
coat with a thickness of 2.5 mm. Using rigid elements (RBE2),
the connection between flanges (bolt holes) is modelled.

Fig.2. FEM model of the hot end
BOUNDARY CONDITIONS

The Fig 3 shows the Boundary conditions of the base Model
where in the 3-point engine excitation is considered towards
the COG of the engine. Engine and gearbox control groups are
coupled to the end of the roll axis nodes by RBE2 rigid
elements, creating a boundary condition where the middle node
of the roll axis is confined in all degrees of freedom, along with
the Input of Flex which is fixed in 3 degrees of freedom.

@ Mode s ixed in 3
B4Fs (1 o 3

Fig. 3. Boundary conditions of base model
MODAL ANALYSIS OF HOT END EXHAUST SYSTEM

As we are dealing with the hot end, we are initially finding the
nodal temperature plots with respect to different views shown
in Fig 4 are given as an input to perform Modal analysis in
order to define the properties of the Hot end with respect to the
parent zone and weld affected zones of the model.

Engine Bock + Turbo + Mot End

Engine Bock + Turbed + Hol End + Heo! Shieid

Fig. 4. Heat transfer plots

The eigen frequencies are extracted for different set of modes
and their mode shapes are noted down in Table 1. [(*Max
RPM=4500rpm) f>1.1*n/2*rpm max/60 = 165Hz.)]
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Table 1. Modal Analysis details
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Here we obtain 183.72Hz (First hot end mode) which is well
above design frequency. The Mode shapes showing the first
axial, bending and twisting mode is shown in Fig 5.The
purpose of the confined mode is to mimic the exhaust system's
constrained mode in its actual installation state. The
powertrain's involvement will not only make it difficult to
simulate the exhaust system's actual limits, but it will also have
an impact on analyses of the exhaust system's dynamic
performance. Therefore, the manifold linking the engine and
the exhaust system is considered, and the powertrain system is
taken into consideration in the exhaust system constraint modal
analysis. The first Bending, axial and Twisting mode is shown
and the Flex modes coupled with the hot end with their
respective frequencies are also represented here.

FREQUENCY RESPONSE ANALYSIS OF HOT END
EXHAUST: Initially in FRA1 the result evaluation is done for
the critical regions which includes brackets, heat affected
zones (HAZ), welds, etc. Then after obtaining the peak values,
it is then made applicable for all the nodes and elements of
various components of entire the system where results include
displacements at the specific nodes and the stresses for the
elements at peak frequencies. While performing the FRA
Analysis the Input excitation data should be provided to the 3
co-ordinates of the engine excitation points which are obtained
from the test model in the form of Displacement vs Frequency
plots as shown in Fig 6 Their base motions for 3 degrees of
freedom is defined.

Plotting Frequency vs Stress and Frequency vs
Displacement plots: The Frequency vs Stress and Frequency
vs Displacement plots for all the components of the system
gives us the peak frequency at which the maximum stress is
acting on the entire system as shown in Fig 7. The Frequency
vs Displacements plots for all the components in X, y and z
directions of the system gives us the peak frequency at which
the maximum displacement occurs in all the three directions
acting on the entire system.

Obtaining the stress plots for the peak frequency: The
respective stresses for the peak frequency of 150Hz achieved
are represented as shown in figure 4.9¢ with the color coding.
Hence from the stress plots we can conclude that the brackets
are failing due to stresses and does not meet the safety factor
requirements with respective to their material properties
assigned. Hence there is room for design optimization of the
brackets that are failing due to excessive stresses.

OPTIMIZATION

As the starting point for the design, the best (fitting
approximate model's optimal solution was used. Then, the FE
model-based optimization analysis may significantly lower the
number of iterations and discover the global best solution
quickly. The topology and design optimization of the bracket
procedure takes place through the following parameters
involving the FE model developed for analysis in Optistruct
OSS Smooth while observing the Modal frequency and
Thermo mechanical targets and checking the design objectives
and constraints. This bracket developed is further checked for
feasibility.

Alternative 1: Connecting rod replaced by Mixer Bracket.

Alternative 2: Outlet pipe Casting Bracket replaced with cost
saving stamped bracket.

Alternative 3: Flaps added on Bracket and Bracket replaced
with connecting rod.

By allowing logically defined criterion relationships and
weightings and by evaluating new concepts against selected
reference solutions per criterion rather than against discrete
products, the goal is to overcome the several known drawbacks
through the Pugh Matrix shown in Table 2 Fig 9 shows the
boundary conditions of the optimized model where in the 6-
point engine excitation is considered towards the COG of the
Engine and gearbox control groups are coupled to the end of
the roll axis nodes by RBE2 rigid elements, creating a
boundary condition where the middle node of the roll axis is
confined in all degrees of freedom, along with the Input of
Flex which is fixed in 3 degrees of freedom. These boundary
conditions are followed according to the Global standards for a
longitudinal engine. It can be agreed that the first hot end
frequency is well above the design frequency which is
obtained analytically. First 1 to 18 Modes are Rigid body
modes The minimum resonant frequency should be above the
following limit: [(*Max RPM=4500rpm) f >1.1*n/2*rpm
max/60 = 165Hz. Here we obtain 181.11 Hz (First Hot End
Mode)] which is well above the minimum resonant frequency.
In FRA analysis the input excitation data as indicated in Fig 10
should be provided to the 6 co-ordinates of the engine
excitation points which are obtained from the test model in the
form of Displacement vs Frequency plots. The base motions
for the 3 excitation points are defined for 3 degrees of freedom.
The Frequency vs Stress plots in Fig 11 shows the peak
frequencies at which the maximum stress is acting on the entire
system

EXPERIMENTAL TEST SETUP

Using an FFT (Fast Fourier Transform) analyzer, the
experimental validation is carried out. The input signal is
sampled by the FFT spectrum analyzer, which then determines
the sine and cosine component magnitudes and shows the
spectrum of these determined frequency components. All the
excitation locations where accelerometers are to be installed
were noted as shown in Fig 12. Additionally, the response
points are identified and highlighted depending on the structure
8 Excitation points and 8 response points are taken with the
help of the accelerometers that are placed accordingly on the
engine, hot end, gearbox, power train etc. With the excitation
on these points, we obtain the response in plots of Frequency vs
Amplitude. We can also relate the Engine rpm to the plots.
These curves provide the peaks for maximum magnitude. For
the purpose of correlation, we have taken the maximum
displacement occurring in the test data occurred at two peaks at
187Hz and 211Hz.These peaks are as shown in the Fig 13.

Modal Assurance Criterion: According to Equation 1, the
MAC value between two modes is effectively the complex
modal vector's normalized dot product at each of their common
nodes (i.e., points). In another words the square of the
correlation between two modal vectors, ¢r and ¢s

B | (Cepr *THeps 17
MAC ({pr Hes 1) = ({epr *"Hepr)({gs *"He =D
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Table 2. PUGH Matrix
SI No Criterias Variables Total
Altl Alt2 Alt3

1 Machinability 1 0 0 1
2 Cost -1 1 1 1
3 Durable 0 1 1 2
4 Stiffness 1 1 1 3
5 Weight 1 -1 1 2
6 Feasibility 1 0 1 2
7 Ease of Assembly 1 1 0 2
Total 4 3 5 12

Rank 2 3 1

(7 Bxcitation Polnts

Fig. 9. Boundary conditions of optimized model
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Fig. 10: 6-point excitation details (optimized model)
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Fig. 12. Experimental test set up
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Fig.13. Experimental results

Fig. 14. Test co-relation
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From Measurement Data
+ Max Displacement at 1* HE Mode:
0.19mm @ 187 Hz

e
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| D.174mm @ 183 Hz

Fig. 15. Test data and simulation data comparison

CO-RELATION: In order to corelate the simulation data with
the test data we need to make sure that we choose the proper
combination of the excitation points that has minimal deviation
from the test data as shown in Fig 14, and it can be done
through comparing the differences in the displacement values
and MAC (Modal Assurance criterion) values from Frequency
vs Displacement. Here SIM indicates the simulation data and
the number of excitation points in the combination that is
selected. Both 3 point and 6-point excitation simulation data
are compared. We found that the 6-point excitation
combination of SIM: ACC (234-578) with a variation of about
16% with a MAC Value of 0.92 to be the most complimenting
the test data. Hence, we proceed further with this combination
of simulation data.

Tuning Parameters: On comparing the simulation data with
the test results as shown in Fig 15, we observe that there is
scope for fine tuning. After set of tuning iterations with
respect to different parameters we can see that there is
considerable change in the frequency as there is an increase in
the mass of the flex and considerable change in the
displacement value as there is an increase in the modal
damping factor. After the iterations we obtain the desired
frequency value at amplitude of 0. 19mm.The tuning
parameters are:

e Mass (Add/remove of the mass to achieve the target
frequency)

e Flex  stiffness +  Flex  structural  damping
(Increase/decrease stiffness of flex to achieve the target
frequency and check the model behavior)

e Modal Damping (Increase/decrease the damping
percentage to achieve the target displacement amplitude)

. Scaling of the Excitation data

CONCLUSION

In order to address the issue of excessive interior and exhaust
vibration that is transferred to the T6 hot end brackets when
the engine is idle, the vibration characteristics of the exhaust
system are analyzed using the theory of modal parameters and
frequency response.

The first hot end modal frequencies were found to be 181Hz
and 183Hz which are well above the design frequency
obtained analytically and their mode shapes were extracted.
Frequency vs stress and Frequency vs Displacement plots were
obtained to determine the peak frequencies of the base and
optimized model for which the stress plots are taken to provide
conclusive proof for optimization. After corelating with the
test data, it is found that there is a variation of 16% with MAC
value of 0.92 with the experimental data. These variations are
then fine-tuned with different tuning parameters to match
0.19mm amplitude at the frequency of 187Hz. Further Engine
order 4 or more firing orders can be utilized to conduct the
analyses and it is also possible to obtain the thermomechanical
failure results to obtain the life estimation and damage
occurring on the hot end of the exhaust system.
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